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ABSTRACT: In this work, a friction-induced vibration model for water-
lubricated bearings (WLBs) is developed. The model incorporates
interfacial mechanical effects, including the stiffness and damping
coefficients of the water film, contact stiffness of asperities, elastic

Friction-induced vibration model for WLRBs
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deformation of the bush, etc. To evaluate the friction-induced & %
vibration state, i.e., stability of WLBs, complex eigenvalue analysis is K 134
employed. A frictional noise experiment for a WLB is performed to 4= o

Interfacial mechanical behaviors

validate the effectiveness of the developed model. Based on this emry e
model, the stability diagram of friction-induced vibrations in WLBs "’”WP"*
under various parameters is obtained, and the effects of key [Fasic actormaton] - .

parameters, such as radial clearance, angular groove amplitude, and
boundary friction coefficient, on the stability are investigated.
Numerical results indicate that increasing the boundary of friction, surface roughness, radial clearance, and angular groove
amplitude elevates the risk of unstable friction-induced vibration. Furthermore, numerical studies reveal the existence of a critical
rotational speed at which friction-induced vibration transitions from being unstable to stable. As the rotational speed approaches
the critical value, the risk of unstable friction-induced vibration rapidly decreases. Within the hydrodynamic lubrication regime, the
maximum vibration attenuation index tends to remain constant, regardless of any further increases in the rotational speed.
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vibration and accurately evaluating the vibration stability of WLBs
are crucial for optimizing their acoustic performance and guiding
the design of low-noise WLB systems.

1 Introduction

Water-lubricated bearings (WLBs), as critical components, are

widely employed in the stern shaft propulsion systems of
submarines [1-5]. Due to the low viscosity of water and the heavy
load imposed by the propeller, the hydrodynamic film formed
between the propeller shaft and the WLB is often insufficient to
fully separate the mating surfaces. As a result, mixed lubrication or
even boundary lubrication conditions are almost inevitable in
such systems [6—8]. Extensive experimental observations [9-11]
have shown that under these lubrication regimes, the rotor in
WLBs may generate friction-induced vibration and abnormal
frictional noise, primarily caused by the nonlinear friction and
contact between interfacial asperities. In the context of underwater
vehicles, abnormal noise resulting from WLB systems significantly
undermines the stealth and operational safety of equipment [12].
Therefore, establishing a quantitative model for friction-induced

Friction-induced vibration and noise are intrinsically linked to
interfacial mechanical characteristics such as friction, wear, and
thermal properties [13, 14], and their underlying mechanisms are
highly complex. According to the prevailing consensus in the
tribology community, unstable friction-induced vibration and
noise are primarily attributed to three mechanisms: a negative
friction-velocity slope [15], stick-slip dynamics [16-18], and
mode coupling [19-24]. Additionally, Ouyang et al. [25, 26] found
that moving loads and uncertainties (primarily caused by friction,
contact, wear, and thermal effects) are also significant factors
contributing to unstable friction-induced vibrations. Recently,
Chen et al. [27] proposed a new fundamental mechanism of
friction-induced vibration and noise for dry contacting contact,
which is the repeated cycles of partial detachment and then
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Nomenclature
A Damping-mass matrix Pho pHg’S(iltri(;(rll):Ill\ir;;C pressure at the equilibrium
Apom Nominal contact area, m* Ry Bearing radius, m
A, Coefficient of surface roughness R Journal radius, m
B Stiffness-mass matrix t Simulation time, s
beg, by beeand byg Damping coefficients, N-s/m At Time step, s
b, Supporting damping, N/m w External load, N
By, Bhe s Bhyer ,and By ¢ Left terms of perturbed Reynolds equation X,X,and X Displacement, velocity, and acceleration vectors
C Damping coefficient matrix, N-s/m y Axial direction
C Radial clearance, m A&, Ax,and A{ Perturbed displacement, m
D Asperity density A& A’ ,and A{’ Perturbed velocity, m/s
e Eccentricity, m AE” Ax” ;and Al Perturbed acceleration, m/s*
Eg Bearing elastic modulus, GPa ¢ Attitude angle, °
E. Composite elastic modulus, GPa 0 Circumferential angle, °
Hydrodynamic force in the horizontal and vertical .
Fnvo and Fago directions at the equilibrium position, N Ogr0 Angular groove amplitude, z
Fey and Fyg g;;z;itnfzr;es A L ¢ and ¢, Flow factors in circumferential and axial directions
Friicx Transient friction force in the horizontal direction, N ¢, and @, Shear and contact factors
f Sampling frequency, Hz w; Angular speed, rad/s
fi(i=1-6) Vibration frequency, Hz I Surface roughness, pm
h Film thickness, pm o, }1?;(;; El:;rll square (RMS) value of rough surface
h Dimensionless film thickness (x0,&0) Equilibrium position of the journal
hy Film thickness at the equilibrium position, m P Water density, kg/m’
hgeq Geometric film thickness, pum n Water viscosity, Pa-s
hy Elastic deformation, pm B Curvature radius of asperity, m
hgro Groove depth, m w Interference, m
Hy Bearing hardness, Pa W, Critical interference, m
keg e ke and kg Stiffness coefficients, N/m w} Dimensionless critical interference
ks Supporting stiffness, N/m w;(i=1-6)  Modal frequency, Hz
k. Contact stiffness, N/m Ug Poisson’s ratio of bush
K Material constant P (2%) Dimensionless rough surface probability density function
I Dimensionless stiffness coefficient e Boundary friction coefficient
K Stiffness matrix, N/m € Eccentricity ratio
L Bearing width, m 7;(i=1-6 Complex eigenvalue
my Journal mass, kg Ai(i=1- Attenuation index
my, Bearing mass, kg Amax Maximum attenuation index
M, Dimensionless critical mass y Surface orientation
M Mass matrix, kg é Viscous damping ratio of bush
ny Rotational speed of journal, r/min O Surface displacement, m
q Perturbation displacement function, m Q. Space frequency, Hz
0, Og Centers of journal and bearing Y1 PSD coefficient
p Pressure, Pa Q. Dimensionless critical speed
Pn Hydrodynamic pressure, MPa

reattachment of the contact surface. Subsequently, Chen et al. [28]
employed a lead zirconate titanate (PZT)-based absorber and
energy harvester (PAEH) for passive control of friction-induced
stick-slip vibration in a friction system. In WLB applications, the
friction behavior is significantly affected by the hydrodynamic
lubrication  performance, and therefore, the negative
friction-velocity slope mechanism fails to accurately predict the
occurrence of abnormal frictional noise in WLB systems, as it
neglects the nonlinear characteristics of the friction coefficient in
G
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lubricated systems [15]. The stick-slip mechanism is characterized
by the cyclic transition between sticking and slipping at the
contact interface. Han and Lee [17] experimentally demonstrated
that stick-slip friction is a key factor contributing to unstable
friction-induced vibration in WLBs and conducted a stability
analysis using a 2-degree-of-freedom (2-DOF) dynamic model.
Subsequently, Qin et al. [18] experimentally observed the
occurrence of stick-slip behavior and friction-induced vibration at
the interface between rubber and ZQSn10-2 brass. However, the
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stick-slip mechanism primarily focuses on the local frictional
behavior at the contact interface while neglecting the influence of
system structure and vibration, which to some extent limits its
applicability in predicting frictional noise in WLBs.

The third mechanism, mode coupling, suggests that interfacial
friction induces the coalescence of adjacent frequencies (and
modes) within the friction system toward a single frequency,
thereby generating unstable self-excited vibration. This
mechanism has been widely applied in the prediction of friction-
induced vibration and noise in various tribological components,
including WLB [21-24], frictional brakes [29], and gear [30]
systems. In WLB applications, Lin et al. [21] developed a 3-DOF
mode coupling model that incorporates perturbations from a
stochastic rough surface to analyze the friction-induced vibration
behavior of WLBs. In that study, complex eigenvalue analysis was
employed to evaluate the stability of the friction-induced vibration
in WLBs. Subsequently, the same research group [22, 23]
incorporated nonlinear friction behaviors into their previously
developed model [21]. In Ref. [23], they demonstrated that an
increase in the friction coefficient or a convergence between
transverse and longitudinal stiffness can generate unstable friction-
induced vibration in WLB systems. A similar approach to that in
Refs. [21-23] was also adopted in a more recent publication [24].
Unfortunately, these aforementioned studies [21-24] simplified
the interfacial stiffness and damping of WLBs as linear spring
constants without considering the actual interfacial mechanical
behaviors under mixed lubrication, such as the stiffness and
damping coefficients of the water film and the contact stiffness
caused by asperity contact. Under varying operating conditions
(such as rotational speed and load) and design parameters, the
hydrodynamic film in WLBs exhibits different stiffness and
damping characteristics [31, 32], and the contact behavior of
rough surfaces also changes accordingly. It is therefore evident
that incorporating interfacial mechanical behaviors into the mode
coupling dynamic model, rather than assuming them as constant
values, is essential for accurately predicting friction-induced
vibration characteristics in WLB systems.

In the hydrodynamic lubrication regime, dynamic models of
journal bearings incorporating the stiffness and damping
coefficients of the hydrodynamic film were extensively developed
[32-34], and stability was then evaluated using complex
eigenvalue analysis [35-37]. For instance, Ren and Feng [35]
numerically investigated the stability threshold speed of WLBs
used in fuel cell vehicle air compressors by considering the
stiffness and damping coefficients of the water film. More recently,
they further studied the stability of high-speed water-lubricated
journal bearings with lobe pockets [36]. Ren and Feng [36]
analyzed the influence of microgroove geometry on the dynamic
characteristics and stability of WLBs. Their findings [36]
demonstrated that longer and shallower microgrooves can
improve the stability of WLBs. Notably, in the mixed lubrication
regime, the contact stiffness from asperity interactions is
comparable to, or even exceeds, the direct water film stiffness of
WLBs [38]. Undoubtedly, the contact stiffness, governed by the
mixed lubrication regime, significantly affects both the dynamic
characteristics and vibrational stability of WLBs. In addition,
experimental observations [39, 40] have revealed that friction-
induced noise occurs within a specific speed range during WLB
startup and shutdown. Extensive studies, numerically [41, 42] and
experimentally [43, 44], demonstrated that journal bearings
sequentially  transition through boundary, mixed, and
hydrodynamic lubrication regimes during startup, suggesting a
strong correlation between unstable friction-induced vibrations/
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noise and interfacial lubrication states. However, to the best of the
authors’ knowledge, theoretical models for predicting the stability
of friction-induced vibration and noise in WLBs under mixed
lubrication ~conditions remain unavailable. Consequently,
incorporating asperity contact mechanics and frictional behaviors
into the mode coupling dynamic model of WLB systems becomes
essential.

The main objective of this study is to investigate the stability of
friction-induced vibration in WLBs by developing a 3-DOF
dynamic model. This model incorporates interfacial mechanical
behaviors, including the stiffness and damping coefficients of the
hydrodynamic film as well as the contact stiffness of surface
asperities, thereby addressing the limitations present in existing
studies. A complex eigenvalue analysis is employed to evaluate
friction-induced  vibration stability and construct stability
diagrams for WLBs under various operating conditions and
design parameters. This work enhances the understanding of
friction-induced vibration mechanisms in WLBs operating under
mixed lubrication conditions and provides a theoretical
foundation for their low-noise optimization design.

2 Mathematical model

2.1 3-DOF friction-induced vibration model for WLBs

Figure 1 presents the geometric representation of the 3-DOF
friction-induced vibration model for WLBs, where the rough
surface of the bush is magnified for clearer visualization. During
operation, a hydrodynamic water film forms to support the
journal; however, asperity contact frequently occurs at the
interface in WLB applications. To more accurately capture the
friction-induced vibration behavior of the rotor within the WLB
system, it is essential to incorporate the interfacial hydrodynamic
film stiffness and damping, along with the asperity contact
stiffness. Accordingly, Eq. (1) is formulated to describe the 3-DOF
friction-induced vibration characteristics of WLBs:

my 0 0 A f " kfg k;x 0 AE
0 m O A" |+ | ke ko O Ak
0 0 my Al 0 0 Kk A

bff bfx 0 Afl
+ b b 0 Ax/
0 0 g Al

W— FhEO — Lt
= _FhKO_FCK_FfriCK (]-)
Fgo+ Feg

where mj; and m, are the masses of the journal and bearing,
respectively. As shown in Fig. 1(a), the subscripts x and & denote
the horizontal and vertical directions, respectively. { denotes the
upward vertical vibration of the bush, which is opposite to the
direction & k, and ¢, are the structural support stiffness and
damping coefficients of the bush, respectively. W is the external
normal load applied at the journal. As illustrated in Fig. 1(b), ke,
ke, ki, and k,, are the stiffness coefficients of the water film. b,
bey, by, and b, are the damping coefficients of the water film.

In the present study, friction-induced vibration occurs near the
equilibrium position of the journal, and its amplitude remains
relatively small under stable vibration conditions. Therefore, the
hydrodynamic force is reasonably assumed to remain constant
during microvibrations. In Eq. (1), F,, and Fy, are the
horizontal and vertical hydrodynamic forces at the equilibrium
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Fig.1 Schematic diagram of 3-DOF friction-induced vibration model of WLBs considering interfacial mechanical behaviors: (a) coordinate system, (b) stiffness and
damping of water film, (c) asperity contact stiffness, and (d) multigroove structure of WLB.

position, respectively. However, the transient contact forces and
resulting transient friction forces during vibration cannot be
neglected. In Eq. (1), F,, and F.; are the transient horizontal and
vertical contact forces caused by the rough surface, respectively. It
should be noted that the friction force in the horizontal direction
is much larger than that in the vertical direction. Hence, the
horizontal friction force Fyy, is only considered in the friction-
induced vibration model. This study investigates the friction-
induced vibration of the journal relative to its equilibrium
position. Therefore, the vibration displacement (A&, Ax, and
AQ), velocity (A&, Ax', and A(’), and acceleration (AE", Ak”,
and Al") areall represented by A.

In this study, macrogrooves with millimeter-scale depths are
designed to enhance heat dissipation and entrap debris, as shown
in Fig. 1(d). It is noteworthy that the mixed lubrication
performance at the equilibrium position governs the stiffness and
damping coefficients in Eq. (1). Therefore, accurately simulating
the interfacial mechanical behavior is a prerequisite for evaluating
the friction-induced vibration of WLBs. Sections 2.2-2.4 detail the
calculation methods for steady-state mixed lubrication, as well as
the determination of stiffness and damping coefficients.

2.2 Modeling for hydrodynamic pressure, stiffness, and
damping coefficients of water film
In the present study, the average Reynolds equation [44] is

42w | Sci@pen
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employed to calculate the hydrodynamic pressure of the water
film in the mixed lubrication regime, which is given by Eq. (2):

O (g PP O (4 P opy
R0 \ 121 96 dy \"’12y4 dy

_w [ dph 99,
=3 (¢°R380+p0R336> @

where Ry is the inner radius of the WLB. p and # are the density
and viscosity of water, respectively. p, and h are the
hydrodynamic pressure and water film thickness, respectively. ¢,
and ¢y [44] are the flow factors in the circumferential and axial
directions, respectively. ¢, [44] and ¢_ [45] are the shear and
contact factors, respectively. o is the composite surface roughness.
0 and y denote the circumferential and axial directions,
respectively. w; is the angular speed of the journal, with units of
rad/s. In Fig. 1, ny is the rotational speed of the journal, with the
unit being r/min. As shown in Fig. 1, the positive direction of the
force is opposite to that of the fixed coordinate system of the
bearing. The hydrodynamic forces in the horizontal and vertical
directions at the equilibrium position can be obtained through
integration, which is given by Eq. (3):

2n oL .

Fio = —L fo Pn(6,y) sinfRydOdy
2n L

Fu = —fo L Pn(6,y) cosORgd6dy

3)
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The Reynolds cavitation boundary condition is employed to
average the Reynolds equation, which can be expressed as Eq. (4):

{ph (6,0)=p (6,L) =0
Pn (607y) = Ovaph (Go,}/) /90 =0

where 6, denotes the circumferential position at which the water
film ruptures.

According to the classical perturbation method, a first-order
Taylor expansion at the equilibrium position of the journal,
(%0,&,), leads to the derivation of the following perturbed average
Reynolds equation, as shown in Eq. (5):

A EANENRE)
RO \"?12n90) 9y °\""124 dy po

= By (hw,hé, hx',hE') (5)

(4)

where h, is the water film thickness at the equilibrium position.
Ds (9 = hx,h&, hx',and hf') represents  the  perturbed
hydrodynamic ~pressure, where 9 =hx,hé denotes the
displacement-induced perturbed hydrodynamic pressure and
9=nh«',h&  denotes  the velocity-induced ~ perturbed
hydrodynamic pressure. The right term of Eq. (4), ie,
By (9 = hx,hé, hx';and hE'), can be calculated as Eq. (6):

; _ 3¢,sin@ by, $shy dpyy 9 (sinb
Bu= {CO A T T AN
_ W 3¢60056%_ Pohe aphoi cosf
Bie = {Smg e 90  4nk: 90 90 \ hy
B, =sinf
B, =cosf

(6)

For the perturbed hydrodynamic pressure, the following
cavitation boundary condition is used, as shown in Eq. (7):

ps(0,y) (9 =hx,hé hi’;and k') =0, if p, (0,y) =0  (7)

The perturbed hydrodynamic pressure can be obtained by
numerically calculating Eq. (6), and then the stiffness and
damping coefficients of the water film can be determined by
Egs. (8) and (9):

kff kfvc
k;c{ kmc

L 21 L o
_L L PreCosORgdzdo —LL Prec0sORgdzd6
— [ [ pusinRydzdd [ [ p,,sin6Rydzdo
(8)
bg by
be be
L 2n L o
_ _LLLZHPhycosﬂRdedG —LLthhx,coseRdede
—fo fo PresinbRpdzdo —fo L PiesinORydzd6
9)

2.3 Modeling for contact stiffness and contact load at the
bush-journal interface

In this study, the elastic study, contact model developed by Kogut
and Etsion [46] (referred to as the KE contact model for
simplicity) is employed to simulate the contact behavior at the

https://doi.org/10.26599/FRICT.2025.9441206

bush-journal interface. For a Gaussian-distributed random
surface, the KE contact model can determine the normal contact
stiffness of a single asperity at different deformation stages (purely
elastic, elastoplastic, and fully plastic), which can be calculated by
Egs. (10)-(13):

ke (w) = 2E "> w"? (10)

2 @ 0.425
ket (@) = 5 X 1.037KHj x 1.425<;) (11)

c

2 @ 0.263
kep (0) = 3% 1.4BnKH, x 1.263(;) (12)

k, (0) = 2mBH, (13)

where k., and k, are the contact stiffness of a single asperity in the
pure elastic and plastic regimes, respectively. k.,; and k., are the
contact stiffness of a single asperity in the first and second regimes
of elasticfirst an deformation, respectively. E. and Hy are the
composite elastic modulus and hardness, respectively. § and w are
the curvature radius and interference of the asperity, respectively.
w, is the critical interference, which can be calculated by Eq. (14):

nKH; "’
.= 14
© ( 2E ) P (14)
where K is a constant related to Poisson’s ratio of the bush vy,
which can be expressed as Eq. (15):

K=0.454+0.41vy (15)

The overall contact stiffness of the rough surface can be
obtained by statistically integrating the stiffness contributions
from individual asperities, as described in Eqgs. (10)-(13). This
overall contact stiffness k. can be calculated by Eq. (16) [47]:

k.(h") = DA,om {ZEC\/%L}Z*MZ (z — h*)1/2¢* (z)dz" +

46w

2
1.4667 x gnﬂKHBw:(’O'“S)I — )"

h*

* 2
¢ (z)dz" +1.7682 x gnﬁKHB w:(—o.zss)_
B0
J;l"+6w2 (Z
2nfBHy L*+110w; ¢ (z")dz } (16)

where D is the asperity density of the rough surface. A, is the
nominal contact area. The superscript “*” denotes the
dimensionless parameter. In Eq. (16), all the dimensionless
parameters are normalized by o. ¢"(z*) is the rough surface
probability density function, which is given by Eq. (17):

7h*)0.425¢* (Z*)dz*+

¢ () = \/%%exp <—O.5 (%)z(z")2> (17)

where 0, and ¢ are the root mean square (RMS) values of the
rough surface height and asperity, respectively. According to Ref.
[46], the relationship between them can be evaluated by Eq. (18):

: 3.717E, — 4
Eo -2 S 10 (18)
o (oBD)

Notably, in the discrete solution of WLBs, the local contact
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stiffness at each grid point (i, j) is calculated using Eqs. (10)-(18)
for its surrounding region. Subsequently, the total contact stiffness
can be obtained by integrating the distributed local contact
stiffness over the rough surface. In this study, the WLB operates in
the mixed lubrication regime, thereby generating contact pressure
at the bush surface. The contact pressure distribution of the bush
surface at the equilibrium position is also determined using the
KE contact model. The authors’ previous study detailed the
calculation method for this contact pressure distribution [48].
According to the mesoscopic-scale test results reported in Ref.
[49], the contact damping ratio of rough surfaces decreases with
increasing external normal load, remaining below 1% and
approaching zero. Therefore, neglecting contact damping in this
study is reasonable.

In this work, the microvibration of the journal is assumed to be
generated from the random displacements of asperities on the
bush surface. Consistent with Refs. [21, 22], a general form of the
power spectral density function for railway track irregularity is
adopted to generate the perturbation displacement function of the
rough surface of the bush. The statistical parameters of the rough
surface are incorporated into the power spectral density function,
and the inverse Fourier transform is then applied to obtain the
time-domain random displacement of the bush surface. Readers
can refer to Refs. [21, 22] for more details. Let q(¢) denote the
perturbation displacement function of the bush surface in the time
domain. In the present study, consistent with Ref. [21], the 3D
stochastic profile is simplified to a 2D stochastic profile for
calculating the transient contact force F, (t), thereby facilitating
the computation of asperity excitation forces and the development
of a friction-induced vibration model. This assumption implies
that the total contact force generated by the three-dimensional
rough asperity at any given time is equivalent to the product of the
overall contact stiffness and the random displacement of the two-
dimensional rough asperity. Consistent with Ref. [21], the
transient contact force caused by the perturbed displacement of
the bush surface is characterized as Eq. (19):

Fe(t) = k. (A§+AL+q (1)) (19)

As illustrated in Fig. 1, the horizontal and vertical transient
contact forces can be calculated as Eq. (20):

{Fw (1) = ke (AE+ AL +q(1)) sing (20)

Fi(t) = k. (AE+ AL+ q(¢)) cosp

Subsequently, the horizontal transient friction force caused by
asperity contact can be evaluated by Eq. (21):

Friox (t) = p F. (t) cosp = p k. (AE+Al+q(t))cosp  (21)

where y_ is the boundary friction coefficient. It should be noted
that in the mixed lubrication regime, the friction force contributed
by the water film is significantly smaller than that generated by
asperity contact. Therefore, the hydrodynamic friction component
is neglected in the proposed friction-induced vibration model.

2.4 Film thickness equation

The film thickness of the WLB is composed of elastic deformation
and geometric clearance. The elastic deformation is caused by the
hydrodynamic and contact pressures acting at the bush-journal
interface, which increases the gap between the journal and the
bush. Therefore, the film thickness equation h(6,y) can be
expressed as Eq. (22):

77w | Sci@pen
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h(67y) :hgeo (G:y)+hd (97y)+hgm (67)/) (22)

where hy, (8,y) and hy(6,y) are the geometrical film thickness
and elastic deformations, respectively. h,, (6,y) is the groove
depth, as shown in Fig. 1(d). The geometric film thickness can be
obtained using Eq. (23):

B (6.9) = C(14€cos (6 - ) (23)

where C is the radial clearance. € and ¢ denote the eccentricity
ratio and attitude angle, respectively. € can be calculated using ¢ =
e/C, where e is the distance between the journal and bearing
centers, as shown in Fig. 1(d).

In the present study, the influence function method (IFM) was
adopted to calculate the elastic deformation induced by
hydrodynamic and contact pressures. For further details, see
Ref. [50].

In this study, the bottom shape of the groove is semielliptical, as
shown in Fig. 2. Since the grooves are uniformly distributed along
the circumferential direction, it is only necessary to calculate the
depth distribution of one groove, and the depths of the remaining
grooves can be obtained through periodicity.

In Fig. 2, O and O/, represent the geometric centers of the
WLRB and the ellipse, respectively. According to the geometric
relationship shown in Fig. 2, Egs. (24) and (25) can be obtained:

x5 Ve
=1 24
a0z o @4
X, = —(—y,+00,)tan(6) (25)

Substituting Eq. (25) into Eq. (24), we obtain Eq. (26):
(AO} + O,C*tan*(6)) y} — 20,C* - OO, tan*(6' )y, (26)
+0,C*- 002tan*(§) — AO2- O,C* = 0

In Eq. (26), AO,=R;siny, O,C= R, +hy, —Ricosy, and
OO0, = R, cos y, where y is half of the central angle of the groove.
Subsequently, Eq. (27) was made:

a=A0?+ 0,Ctan*(0')
b =20,C*- 00, tan*(6') (27)
c=0,C*- 00 tan*(§) — A0, - 0,C

Then, the solution for y/ | in Eq. (26) can be written as Eq. (28):

Fig.2 Schematic diagram of groove structure.

Friction, 2026, 14(6): 9441206
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., b—+b*—4ac

yo= 28)
Finally, the depth of the groove can be calculated by Eq. (29):
Rycosy—y
Ry (6,y) = OE— Ry = ————-L2—R 29
gm( 7)’) B cos(@’) B ( )

2.5 Complex eigenvalue analysis method
Substituting Egs. (19)-(21) into Eq. (1), we obtain Eq. (30):

my 0 0 AE
0 my 0 Ax" |+
0 0 m Al
ke + k.cosp ke, k.cosp
ke + kesing +up k.cosp k.  k.sing + p k.cosp
—p k.cosp 0 ks — u k.cosp
A bg by 0 AE
Ax |+ |bs bo O Ak
AL 0 0 o Al
W — Fp — k.gcosg
= | —Fuo—kegsing — p_k.gcosp (30)
Fie + k.gcosg

Equation (30) can be written in matrix form as Eq. (31):

MX+CX+KX=F (31)

where X, X, and X denote vectors of displacement, velocity, and
acceleration, respectively. M, C, K, and F represent the mass,
damping, stiffness, and force vectors, respectively, which can be

expressed as
§ my by by 0
X=|«x | M= my ,C=|bs by, 0],
¢ m, 0 0 ¢
kg +k.cosp ke, k.cosp
K = | ke +ksing +p kcosp ke kesing 4 p k.cosp | |
—k.cosp 0 k, — k.cosp

W — Fy — k.gcosg
—Fyo — keqsing — p k.q
Fy + keqcosg

and F=

It is demonstrated from Eq. (30) that the stiffness and damping
matrices are closely related to the lubrication state of the WLB, as
they directly determine the water film stiffness coefficient,
damping coefficient, and contact stiffness of asperities. Notably,
the damping matrix C in Eq. (31) does not satisfy the proportional
damping condition, necessitating the use of the state vector
method for complex eigenvalue analysis. Therefore, the following
auxiliary equation is introduced as Eq. (32):

MX-MX=0 (32)
Combining Eq. (31) with Eq. (32), Eq. (33) can be obtained:

AX +BX =F (33)

where

X F C M
o (5) (o) A %)
6x6 6x6 6x6

K 0
(6 ).,
6x6
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Setting F'= 0, Eq. (33) reduces to the form of a free vibration
equation, which is given by Eq. (34):

AX +BX =0 (34)

It is assumed that the particular solution of Eq. (34) is
X' = W'e". Then, substituting it into Eq. (34), we obtain Eq. (35):

(tA+B)¥' =0 (35)
For Eq. (35), the characteristic equation is shown as Eq. (36):
|TA+B|=0 (36)

where 7 is a sixth-order complex conjugate eigenvalue, which can
be expressed as Eq. (37):

=ALtwj (i=1-6) (37)

where w; =2mf;, is the modal frequency (f;is the vibrational
frequency) and A;(i=1-6) is the attenuation index of the
vibration system, reflecting its stability. Let A, denote the
maximum attenuation index. If A,,, is larger than 0, it indicates
that the system is unstable and may generate friction-induced
noise. Otherwise, the system is stable and unlikely to produce
frictional noise. Therefore, the sign of A,,,; can be used to assess
journal stability. When A, is positive, a larger value indicates a
greater tendency toward instability. When A, is negative, a
smaller value implies increased system stability.

Equations (5)—(18) show that the stiffness and damping
coefficients of the water film, as well as the asperity contact
stiffness, are closely related to the bearing parameters, including
the operating conditions, structural features, and material
properties. Therefore, the proposed model enables the evaluation
of friction-induced vibration characteristics of WLBs across a
range of operating conditions and design parameters and further
allows prediction of the risk of friction-induced noise.

2.6 Numerical procedure

Figure 3 shows the numerical procedure of the proposed model.
Prior to the friction-induced vibration analysis, it is necessary to
obtain the steady-state solution at the equilibrium position,
including the stiffness and damping coefficients of the water film
and the contact stiffness. The obtained stiffness and damping
coefficients are used as inputs for the subsequent friction-induced
vibration model. In this study, the finite difference method (FDM)
is used to calculate the steady-state and perturbed hydrodynamic
pressures. The friction-induced vibration analysis consists of two
parts, ie., complex eigenvalue analysis and time-domain friction-
induced vibration analysis. As shown in Fig. 3, the friction-
induced vibration state of the journal—either stable or unstable—
is evaluated by determining the sign of the maximum attenuation
index A, thereby predicting the possibility of friction-induced
noise. Additionally, the friction-induced vibration in the time
domain is obtained using the Runge-Kutta method. It is
important to note that the numerical procedure shown in Fig. 3 is
only used to calculate the friction-induced vibration and stability
characteristics under a specific operating condition. The main
purpose of this study is to evaluate the effect of various parameters
on the stability zone of the WLB. To this end, the numerical
procedure illustrated in Fig. 3 is repeatedly performed under
different combinations of parameters to obtain the stability
diagram.

The grid independence analysis indicates that in the present
study, a mesh with 160 divisions in the circumferential direction
and 41 in the axial direction offers a balance between
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Fig.3 Numerical procedure of present model.

computational efficiency and accuracy. In addition, the solution
accuracy of the average Reynolds equation is set to 1x10°, while
the convergence accuracy of the hydrodynamic force and contact
force is set to 1x10™",

3 Results and discussion

3.1 Comparisons with the related works

3.1.1 Hydrodynamic performance

Accurately resolving the hydrodynamic pressure within the water
film is essential for achieving reliable predictions of its interfacial
mechanics and dynamic behavior. To assess the reliability of the
present hydrodynamic pressure prediction, the measured pressure
distributions under two external load cases for a water-lubricated
bearing reported by Litwin [51] are used for comparison, as
illustrated in Fig. 4. Notably, for comparison, the parameters used
in the theoretical calculations are kept consistent with those
adopted in the experiments. Figure 4 shows that the measured
central hydrodynamic pressure along the circumferential direction
agrees well with the numerical predictions. As shown in Fig. 4, the
experimental hydrodynamic pressure is slightly higher than the
predicted values, which may be attributed to the isothermal
assumption adopted in the present model. Overall, the present
theoretical model provides a reliable prediction of the
hydrodynamic pressure in WLBs.

3.1.2 Dimensionless dynamic characteristics

The stiffness coefficient of the hydrodynamic film is a key
parameter affecting the vibration characteristics of the journal. To
verify the accuracy of the stiffness coefficient of the hydrodynamic
film, the analytical solution for the hydrodynamic film stiffness of
short journal bearings [52] is compared with the present
numerical predictions. It is noteworthy that the journal bearing
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Fig.4 Comparison of central hydrodynamic pressure distribution of WLB
between present results and experimental results from Ref. [51].

described in Ref. [52] features two axial grooves, each spaced 180°
apart and spanning 20° circumferentially. The length-to-diameter
ratio is 2. To ensure the effectiveness of validation, the film
thickness equation is modified in this study to be consistent with
that in Ref. [52]. In addition, the dimensionless stiffness
coefficient, K = kC/W, was provided in Ref. [52], and therefore,
the stiffness coefficient is normalized in the same manner as in
Ref. [52]. The comparison is shown in Fig. 5(a). The measured
stiffness coefficients agree well with those predicted in the present
study, particularly at relatively large eccentricity ratios. However, a
slight deviation between the analytical and numerical results can
be observed in Fig. 5(a), particularly for the cross-coupling
stiffness, k., at low eccentricity ratios (less than 0.4). This
discrepancy may stem from the fact that the analytical solution for
short journal bearings employs periodic boundary conditions to
account for the cavitation effect, whereas the numerical calculation
uses the Reynolds cavitation boundary condition. Notably, WLBs
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typically operate at high eccentricity ratios, often exceeding 0.98.
Therefore, the present numerical model is expected to provide
reliable dynamic coefficients of the hydrodynamic film.

The vibration stability of journal bearings is closely related to
the stiffness and damping coefficients of the hydrodynamic film.
However, the literature lacks investigations on the stability of
journal bearings operating under mixed lubrication conditions.
Therefore, to verify the validity of the vibration stability analysis
presented in this work, the contact stiffness and boundary friction
coefficient in Eq. (1) are omitted so that the friction-induced
vibration model under mixed lubrication reduces to its
hydrodynamic version. Subsequently, the dimensionless critical
mass M., and speed Q,, predicted by the degenerated model are
compared with the analytical solution for short journal bearings
reported in Ref. [52]. As shown in Fig. 5(b), the present results
match well with the analytical solution [52], confirming the
correctness of the stability analysis of the proposed model.

By comparing the hydrodynamic pressure, film stiffness, and
journal bearing stability predicted by the present model with the
corresponding results reported in Refs. [51, 52], the validity of the
model is preliminarily confirmed. Moreover, to directly assess the
correctness of the proposed friction-induced vibration model, a
frictional noise experiment for a WLB under various journal
speeds and external loads is conducted, and the results are further
compared with the numerical predictions. The detailed
procedures and results of this experimental assessment are
presented in Section 3.6.

3.2 Friction-induced vibration analysis

Table 1 lists the simulation parameters, including the structural,
material, and surface properties of the WLB. In the parametric

(a)20
kmc K&

w

§ kfx &

£ 10

>

w

E

g "

w

g = Numerical results
A-10+ Analytical solution [52]

0.0 0.2 0.4 0.6 0.8 1.0
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(b) 0.55

Dimensionless critical speed

0.50

0.45

0.40 1

0.35

analysis (Sections 3.3-3.5), except for extending the value ranges
of the analyzed factors, all other parameters are kept constant, as
listed in Table 1. Notably, the model proposed in this study is
applicable to WLBs with various material properties (such as
Thordon, rubber, and polyetheretherketone) and geometrical
dimensions, and Table 1 represents only a specific case for
numerical analysis. Due to the excellent thermal conductivity of
water and the heat dissipation provided by the grooves, at W =
4,050 N and n; = 1,000 r/min, for example, the maximum
temperature rise is approximately 4 °C, and the thermal
deformation of the bush is only 0.3 pm, which has a negligible
effect on the interfacial mechanical behavior. Although
considering the temperature rise would further enhance the
accuracy of the simulation, it would reduce computational
efficiency. Therefore, this study adopts an isothermal assumption.

The following provides the estimation process for determining
the support stiffness of the bush material. According to the
Winkler assumption for an elastic foundation beam [53], the
deformation displacement, &, of a homogeneous material with a
thickness of h; can be calculated by Eq. (38):

5, P0=2})

i (38)

where p is the uniform pressure applied to the upper surface of the
bush material and Ej is the elastic modulus of the bush. The
support stiffness of the bush is defined as the force required to
produce a unit displacement (1 m) in the bush material
According to Eq. (38), a displacement of 1 m requires an applied
pressure of 834.1x10° Pa. Taking the projected area of the WLB
(2R3L) as the load-bearing area, the resulting load is 6.76x10° N.

Dimensionless critical speed

0O  Analytical solution [52]
Present results

Dimensionless critical mass

Dimensionless critical mass

O  Analytical solution [52]
Present results

T —-0
0.6 0.7

0.1 0.2 0.3 0.4 0.5

Eccentricity ratio

Fig.5 Comparison of dimensionless dynamic characteristics at different eccentricity ratios: (a) dimensionless stiffness; (b) dimensionless critical speed and mass.

Table1 Simulation parameters of WLRBs

Parameter Value Parameter Value
Inner radius, Rg (mm) 45 Bearing Poisson’s ratio, v, 0.27
Bush thickness, & (mm) 3 Surface orientation, y Isotropic
Bearing width, L (mm) 90 Bearing elastic modulus, Eg (GPa) 2.32
Radial clearance, C (mm) 0.1 Water density, p (kg/m’) 1,000
Groove depth, hy,, (mm) 2.0 Water viscosity (20 °C), 1 (Pa-s) 0.001
Rotational speed, #; (r/min) 1,000 Simulation time, ¢ (s) 2
Angular groove amplitude, 870 (°) 10.5 Time step, At (s) 1x107°
Groove type Straight Journal mass, m; (kg) 50
Groove number 8 Bearing mass, my (kg) 100
Composite surface roughness, o (um) 1 Supporting stiffness, k; (N/m) 5.18x10°
External load, W (N) 500-8,000 Damping ratio of the bush, § 0.01

https://doi.org/10.26599/FRICT.2025.9441206
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Considering that the groove area does not bear load, the resulting
load after excluding the groove area is approximately 5.18x
10° N/m. Therefore, in this study, the supporting stiffness of the
bush is taken as 5.18x10° N/m. Additionally, the theoretical and
experimental results by Sol et al. [54] indicated that the damping
ratio of polymer composites is approximately 0.01. Therefore, in
this study, the damping ratio of the bush material is taken as 0.01.
Table 2 summarizes the basic parameters of the stochastic
rough surface. The specific physical meanings of these parameters
are provided in Ref. [21]. Based on these parameters, the time-
domain stochastic rough surface is generated, as shown in Fig. 6.
First, the results of the complex eigenvalue analysis of the
journal under steady-state conditions with a load of 2,500 N and a
rotational speed of 400 r/min are compared for boundary
coefficients of friction of 0.05 and 0.3. Figure 7 shows the
corresponding contact and hydrodynamic pressure distributions
at the equilibrium position. It can be observed from Fig. 7(a) that
the contact pressure is located at the bottom of the WLB and is
relatively narrow in the circumferential direction. In addition, the

0.8
e —— Asperity height
£ 0.4 perty hei
3
:En 0.0-W\M
Z 0.4 “

_0-8 T T T T

0.0 0.4 0.8 1.2 1.6 2.0

“Time (s)
Fig.6 Random disturbance excitation of friction interface obtained by inverting
power spectral density of track irregularity.

contact pressure on both sides of the bearing is significantly higher
than that at the center, which is attributed to the pressure relief at
both sides of the hydrodynamic pressure region [30, 34], as shown
in Fig. 7(b). In general, the WLB operates under mixed
lubrication, and the stiffness and damping coefficients are as
follows.

As illustrated in Table 3, the direct stiffness of the water film k¢
is larger than the contact stiffness k., indicating that the
hydrodynamic water film may play a dominant role in the
dynamic characteristics of the WLB under the simulated working
conditions.

For p, = 0.05, the eigenvalues of the complex modal analysis
are

536949.5 + 0]
33.2— 3840.4j
| —332+3840.4)
= —2556.4 4+ 0 (39)
865 26.9]

—86.5+26.9j

All the real parts of the eigenvalues are negative, indicating that
the journal is in a stable friction-induced vibration state.
Figures 8(a) and 8(c) plot the vibration velocity and acceleration at
., = 0.05, respectively. As shown, the time-domain responses in
all three directions exhibit stable vibration states. This result
implies that the WLB is unlikely to generate abnormal friction-
induced noise. Additionally, according to Eq. (36), the vibration
frequencies are fi = 0 Hz, f, = 428 Hz, and f; = 61146 Hz

Table2 Basic parameters of stochastic rough surface

Parameter Value Parameter Value
PSD coefficient, y, 0.25 Coefficient of surface roughness, A, 5.0x10™
Space frequency, Q. (Hz) 5,000 Time step, At (us) 1
Simulation time, ¢ (s) 2 Sampling frequency, f (Hz) 10,000
(a) E‘ (b) .
Contact pressure (MPa) Hydrodynamic
‘ 0118 pressure (MPa)
) 2670
0.094
2136

0.071

0.047

0.024

0.000

1.602

1.068

0.534

0.000

Fig.7 Contact and hydrodynamic pressure distributions at W= 2.5x10° N and #; = 400 r/min: (a) contact pressure and (b) hydrodynamic pressure.

Table3 Calculated stiffness and damping coefficients at W =2,500 N and nj = 400 r/min

Parameter Value Parameter Value
K (N/m) 0.459x10° kee (N/m) 0.18x10"
ke (N/m) 0.64x10° ke, (N/m) 0.561x10°

by (N-s/m) 0.232x10° bz (N-s/m) 0.268x10°

by (N-s/m) 0.163x107 b, (N-s/m) 0.163x10’
ke (N/m) 0.481x10°
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Fig.8 Vibration velocity and acceleration of the WLB under different boundary friction coefficients: vibration velocity at (a) 4, = 0.05 and (b) u, = 0.3; vibration

acceleration at (c) 4, = 0.05 and (d) g, = 0.3.

Notably, the damping coefficient of the water film is sufficiently
large, leading to an overdamped WLB system. This ultimately
results in the presence of purely real eigenvalues, as illustrated in
Eq. (39).

However, as . increases to 0.3, as illustrated in Eq. (40), a
positive value of 29.4 appears among the complex eigenvalues,
indicating that the journal will experience abnormal friction-
induced vibration. In Section 3.3.1, the effect of y. on the stability
of the journal under various external loads and rotational speeds is
systematically studied.

—536949.5 + 0]
—30.7 — 3836j
—30.7 + 3836j
—2596.9 + 0j
~167.3—0j
29.440j

(40)

3.3 Effects of surface parameters

3.3.1 Boundary friction coefficient y_

Figure 9 shows the stability maps related to p , where the
horizontal axis represents the investigated parameter and the
vertical axis denotes the external load under four different
rotational speeds: 200, 400, 600, and 800 r/min. In Fig. 8, the black
line marks the boundary between the stable and unstable zones.
As shown in Fig. 9(a), at @ = 200 r/min, when g, is less than
0.075, the journal exhibits stable vibrations across the entire
external load range of 500 to 8,000 N. However, as y_ further
increases, unstable friction-induced vibrations emerge, and the
corresponding external load range broadens. This finding
demonstrates that an elevated boundary friction coefficient y_

https://doi.org/10.26599/FRICT.2025.9441206

increases the propensity for unstable friction-induced vibration to
develop in WLB systems. Such behavior aligns with earlier
experimental findings documented in Refs. [10-12] and
theoretical models presented in Refs. [21, 23]. In particular, Ref.
[21] noted that a boundary friction coefficient above 0.2 tends to
trigger unstable friction-induced vibration in WLBs. The present
study further reveals that at rotational speeds under 600 r/min, the
probability of noise generation rises markedly once the friction
coefficient surpasses this threshold. Additionally, as shown in
Figs. 9(a)-9(c), when the external load varies between 500 and
8,000 N, unstable friction-induced vibrations occur only within
the intermediate load range. This is because, at relatively low
external loads, the WLB operates in the hydrodynamic lubrication
regime, where friction-induced vibrations caused by asperities do
not occur. However, at a relatively high external load, although the
asperity contact increases, the damping coefficient of the water
film is also large (on the order of 10°~10° N-s/m), which can
suppress the friction-induced amplification of rotor vibrations. As
a result, the rotor exhibits stable vibrations under relatively high
external loads. In fact, numerous studies [32, 35-37] have
demonstrated that when asperity contact and interfacial friction at
the bearing surface are neglected, journal bearing systems tend to
remain absolutely stable at high eccentricity ratios (or under high
external loads). However, within the intermediate load range, the
energy generated by interfacial contact and friction is insufficient
to be dissipated by water film damping, leading to the occurrence
of unstable friction-induced vibrations.

In addition, as illustrated in Fig. 9, the unstable zone gradually
shrinks as the rotational speed increases and completely
disappears when the speed reaches 800 r/min. This is because the
hydrodynamic lubrication performance improves with increasing
rotational speed, leading to reduced asperity contact. Specifically,
as shown in Fig. 9, using an external load of 3,000 N as an
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example, as the rotational speed increases from 200 to 800 r/min,
the minimum film thickness increases from 1.14 to 2.72 um,
leading to a decrease in contact load from 357.5 to 3 N.
Correspondingly, the contact stiffness decreases from 6.75x10° to
1.51x10’ N/m. In addition, as shown in Fig. 10, the maximum
contact pressure rapidly decreases from 0.778 to 0.01 MPa as the
rotational speed increases from 200 to 800 r/min. Consequently,
the likelihood of unstable friction-induced vibrations decreases as
the mixed lubrication performance improves. Notably, although
the rotor of the WLB exhibits fully stable friction-induced
vibrations at 800 r/min, when y_ ranges from 0.35 to 0.4 and the
external load varies between 5,500 and 8,000 N, the value of A,
approaches zero, indicating that the rotor is near a critically stable
state.

3.3.2 Surface roughness o
The surface roughness is a key parameter affecting the tribological
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performance of the contact interface. Figure 11 shows the stable
maps related to surface roughness under four different rotational
speeds. The area of the unstable zone decreases with increasing
rotational speed, which can be attributed to enhanced
hydrodynamic performance. Similar to Fig. 9, the rotor exhibits
stable friction-induced vibrations at relatively high loads due to
the high damping coefficient of the water film. Additionally,
Fig. 11 indicates that in WLB applications, unstable friction-
induced vibrations are more likely to occur on rougher surfaces.
More specifically, as shown in Fig. 11(d), even when the rotational
speed reaches 1,000 r/min, unstable friction-induced vibrations
may still occur if the surface roughness exceeds 1.8 um. These
results can be explained by the fact that a larger o leads to
increased asperity contact, thereby generating a greater risk of
unstable friction-induced vibration. This numerical result is
consistent with the experimental observation in Ref. [18], which
reported that an increase in contact pressure raises the risk of
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Fig.9 Effects of boundary friction coefficient on stable zone of friction-induced vibration under different external loads at (a) 200, (b) 400, (c) 600, and (d) 800 r/min.
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Fig. 11 Effects of surface roughness on stable zone under different external loads at (a) 200, (b) 400, (c) 600, and (d) 800 r/min.

unstable friction-induced vibration. As demonstrated in Fig. 11,
the lower limit of the external load for unstable vibration gradually
increases as o decreases. This is because with increasing o, the
critical load required to achieve hydrodynamic lubrication at a
given rotational speed decreases.

3.4 Effects of key structural design parameters

3.4.1 Radial clearance C

A reasonable radial clearance design is crucial for enhancing the
lubrication performance of WLBs. However, the effect of radial
clearance on friction-induced vibration characteristics remains
unclear. The objective of this section is to reveal the effects of
radial clearance on the stability of friction-induced vibration
under different external loads, as shown in Fig. 12. It can be found
from Fig. 12(a) that at w = 200 r/min, the load range over which
unstable friction-induced vibration occurs slightly increases with
increasing radial clearance. Furthermore, the value of A, also
increases significantly with the radial clearance, indicating that the
risk of instability increases as the radial clearance increases. When
the rotational speed increases to 400 r/min, the unstable zone is
reduced compared with that at 200 r/min, as shown in Fig. 12(b).
As the rotational speed increases further, the unstable zone of
friction-induced vibration disappears, as shown in Figs. 12(c)
and 12(d).

These results indicate that using an excessively large radial
clearance in the design of WLBs will increase the risk of friction-
induced noise at low rotational speeds. Notably, bush wear
increases the clearance between the journal and the bearing.
According to the experimental results in Ref. [55], the increased
radial clearance caused by wear can lead to unstable friction-
induced vibration, a trend that agrees with the present numerical
prediction. Specifically, in the current simulation, designing the
radial clearance to be less than three thousandths of the radius
enables the WLB to maintain stable friction-induced vibration
across the entire external load range, as illustrated in Fig. 12(b).
This result is consistent with the recommendation made in Ref.

https://doi.org/10.26599/FRICT.2025.9441206

[56]. Notably, although a relatively small radial clearance exhibits
excellent stability under the isothermal assumption, an excessively
small clearance may increase the risk of chatter due to thermal
expansion [57]. Future studies will consider the influence of
thermal expansion effects under heavy-load conditions to more
accurately assess the impact of small radial clearance on the
stability of friction-induced vibration.

The evolution of the contact pressure distribution with varying
radial clearance at 200 r/min and an external load of 2,050 N, as
illustrated in Fig. 13, helps explain the results shown in Fig. 12(a).
As illustrated in Fig. 13, increasing the radial clearance leads to
intensified interfacial asperity contact and a corresponding
increase in contact stiffness. More specifically, as the radial
clearance increases from 0.05 to 0.25 mm, the contact load rises
from 98.4 to 444 N, the contact stiffness increases from 1.6x10° to
6.0x10° N/m, and the maximum contact pressure grows from 0.12
to 1.06 MPa. This result suggests that an increase in radial
clearance leads to increased asperity contact. As experimentally
demonstrated in Ref. [18], the amplitude of friction-induced
vibration increases markedly when the contact pressure exceeds
0.56 MPa. As shown in Fig. 13, the predicted maximum contact
pressure becomes greater than 0.71 MPa once the radial clearance
exceeds 0.17 mm, under which condition unstable friction-
induced vibration is likely to occur, as demonstrated in Figs. 12(a)
and 12(b). In addition, the direct damping coefficient of the water
film by decreases from 6.57x107 to 1.98x107 as the radial
clearance increases from 0.05 to 0.15 mm. These results indicate
that as the radial clearance increases, the accumulated energy from
asperity friction rises, while the interfacial damping of the water
film decreases, thereby increasing the risk of abnormal friction-
induced vibration, as shown in Figs. 12(a) and 12(b).

3.4.2 Angular groove amplitude 0,

In WLB applications, the macrogroove can lead to a loss of
hydrodynamic pressure, which may in turn affect the friction-
induced vibration behavior of the rotor in WLB systems. Hence,
the purpose of this section is to investigate the effect of the angular
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Fig. 12 Effects of radial clearance on stable zone under different external loads at (a) 200, (b) 400, (c) 600, and (d) 800 r/min.
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groove amplitude on the stability of the friction-induced vibration
of WLBs. Figure 14 shows the variation in the maximum
attenuation index A, with external load under different angular
groove amplitudes at #; = 400 r/min and g, = 0.2. As shown in
Fig. 14(a), the range of external loads associated with unstable
friction-induced ~ vibration increases with angular groove
amplitude. Additionally, the maximum attenuation index also
increases as the angular groove amplitude increases. Hence, the
results in Fig. 14(a) indicate that increasing the angular groove
amplitude raises the risk of abnormal friction-induced vibration. It
can be seen from Fig. 14(b) that when the angular groove
amplitude exceeds 28.5°, the WLB exhibits a risk of abnormal
friction-induced vibration across the entire load range of 500 to
5,000 N. For the WLB dimensions used in this study, an angular
groove amplitude of 28.5° implies that the groove area is
approximately 1.98 times the load-carrying area. In such a groove
design, the formation of hydrodynamic pressure will be severely
disrupted, making it more likely to trigger unstable friction-
induced vibration. Furthermore, when the angular groove
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amplitude increases to 31.5°, the maximum attenuation index
becomes even larger than that at 28.5°, implying a further
intensification of friction-induced vibration.

Figure 15 shows the contact pressure distributions for four
different angular groove amplitudes at W = 4,050 N
(corresponding to the specific pressure of 0.5 MPa), ie, Oy, =
45 N (corr, 22.5° and 31.5°). As demonstrated in Fig. 14, the
friction-induced vibration is unstable in all four cases. Obviously,
the maximum contact pressure and contact stiffness significantly
increase with increasing angular groove amplitude. Specifically,
the maximum contact pressure increases from 0.32 to 1.14 MPa,
and the contact stiffness increases from 2.69x10° to 1.49x10" N/m.
As mentioned earlier, the rise in contact pressure is a key factor
contributing to unstable friction-induced vibration in WLBs [18].
Compared with the substantial increase in contact characteristics,
the direct damping coefficient of the water film b shows only a
slight increase with angular groove amplitude. This suggests that
as the angular groove amplitude increases, the slight increase in
water film damping may be insufficient to suppress the vibration
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intensification caused by increased contact effects. As a result, a
wider angular groove amplitude exhibits greater vibration
instability. Eventually, at W = 4,050 N, the maximum attenuation
index increases as the angular groove amplitude decreases, as
shown in Fig. 14.
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3.5 Effects of rotational speed

As demonstrated in Figs. 9, 11, and 12, the increasing rotational
speed leads to a reduction in the unstable zone. This section
focuses on the variation in friction-induced vibration stability of
the WLB as the rotational speed continuously changes from 10 to
2,000 r/min under specific pressures of 0.25 (2,025) and 0.5 MPa
(4,050 N), with g, of 0.2. As shown in Fig. 16(a), unstable friction-
induced vibration occurs only at low speeds for both W =2,025 N
and W = 4,050 N. This finding suggests that frictional noise tends
to appear more readily during the start-up phase of WLBs, which
is supported by numerous experimental observations (e.g., Refs.
[39, 40]). Interestingly, the maximum attenuation index of W =
2,025 N is larger than that of W = 4,050 N. This is because the
direct damping coefficient of the water film at W = 4,050 N is
higher than that at W = 2,025 N. As a result, under high external
load, the water film suppresses abnormal vibrations more
effectively than under low external load. In addition, Fig. 16(a)
reveals an interesting phenomenon: at an external load of 4,050 N,
the WLB exhibits stable frictional vibrations at speeds below
approximately 100 r/min. This is likely because the frictional
energy generated at such low speeds is insufficient to excite system
instabilities, and the potential vibrations are suppressed by the
damping of both the interfacial water film and the structural
support, leading to a stable frictional vibration state.

Furthermore, as shown in Fig. 16(a), there exists a critical
rotational speed: below this speed, unstable friction-induced
vibration occurs, while above it, the system remains stable. This
behavior is observed at both W = 2,025 N and W = 4,050 N. As
indicated in Fig. 16(a), the corresponding critical speeds are 375
and 560 r/min, respectively. Figure 16(b) is plotted to explain the
result presented in Fig. 16(a). As shown in Fig. 16(b), the contact
load and stiffness first decrease rapidly with increasing rotational
speed and then tend to stabilize as the rotational speed increases

(b) 6..=135°F.=246N

k=398 x10'N/m b;:=4.1x 10"N-sim Contact pressure (MPa)
1.140

0.912

0.42 MPa

0.684

0.456

0.228

0.000

Contact pressure (MPa)
1.140

1.14 MPa

0912

0.684

0.456

0.228

0.000

Fig. 15 Contact pressure distributions under different groove widths at 1, = 400 r/min, g = 0.2, and W = 4,050 N: (a) Ogro = 4.5% (b) Ogro = 13.5% (c) Ogro = 22.5°% and

(d) Bgro=31.5°.
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further. More specifically, the contact load and stiffness are 107 N
and 1.39x10° N/m at the critical rotational speed of 560 r/min,
respectively, implying that the WLB approaches the
hydrodynamic lubrication regime. As illustrated in Fig. 16(b), the
lift-off speed, defined as the point where the lubrication regime
transitions from mixed lubrication to hydrodynamic lubrication,
is 812 r/min, which is higher than the critical rotational speed.
Therefore, it can be concluded that the stability of friction-induced
vibration is closely related to the lubrication regime of the WLB.
As the WLB system approaches hydrodynamic lubrication, the
risk of friction-induced vibration decreases rapidly. Once
hydrodynamic lubrication is achieved, the WLB exhibits absolute
stability. Finally, as illustrated in Fig. 16(b), the maximum
attenuation index remains unchanged once the WLB enters the
hydrodynamic lubrication regime. Overall, this work presents a
feasible quantitative model for determining the critical rotational
speed at which abnormal friction-induced vibration disappears
during the start-up of WLBs.

3.6 Experimental verification

Due to the limitations of the current experimental setup, it is
difficult to isolate the coupled vibrations of the test rig, making it
challenging to accurately measure the rotor vibration
characteristics solely induced by rough surface excitation.
Therefore, this study evaluates the stability of friction-induced
vibration in the rotor by measuring the frictional noise of WLBs
under various combinations of load and rotational speed.
Subsequently, the effectiveness of the theoretical model is verified
by comparing the results with those obtained from complex
eigenvalue analysis. Figure 17 shows the overall test rig, bearing
test chamber, and tested rubber bearing, corresponding to
Figs. 17(a), 17(b), and 17(c), respectively.

Table 4 lists the main parameters of the tested WLB, including
structural, material, and surface parameters. As demonstrated in

Section 3.3.2, the surface roughness significantly affects the friction-
induced vibration characteristics of the WLB. Therefore, the
surface profile of the rubber is first measured using a white light
interferometer to directly obtain the RMS roughness. The
measured surface roughness value is 3.5 pm. According to Eq.
(38), the supporting stiffness of the bush is approximately 2.2x
107 N/m. The test results by Tiwari et al. [58] on the loss factor of
rubber indicate that the loss factor reaches approximately 0.2 at a
frequency of 100 Hz. Since the damping ratio of rubber is half of
its loss factor, a damping ratio of 0.1 is adopted in the
computational model. In this study, a hydrophone, which is made
by Jiangsu Donghua Testing Technology Co., Ltd., China, is used
to identify the friction noise of the tested WLB. As shown in
Fig. 18, the hydrophone is immersed in the water tank and
positioned close to the rubber—journal friction pair. The operating
frequency range of the hydrophone is 2-30 kHz, its sensitivity is
—173.0 dB V/pPa + 2 dB, and its preamplifier gain is 40 dB.

Prior to the frictional noise tests, ¢, needs to be determined. A
torque meter is employed to measure the friction torque generated
by the WLB, which is then converted into the corresponding
friction coefficient. The friction coefficient obtained under dry
contact conditions at 10 r/min is adopted as the boundary friction
coefficient. The experimentally determined values of the boundary
friction coefficient under specific pressures of 0.2 and 0.3 MPa are
0.298 and 0.271, respectively.

The experiment measures the frictional noise of the WLB
under two specific pressures, 0.2 and 0.3 MPa, as the rotational
speed increases from 20 to 180 r/min (specifically set at 20, 40, 60,
80, 110, 140, and 180 r/min). The specific pressures of 0.2 and
0.3 MPa correspond to loads of 5.12 and 7.68 kN, respectively.
The radial load is applied hydraulically, with a maximum load
capacity of 50 kN and a loading accuracy of 0.06% full scale (FS).
The driving motor is a 10-pole, three-phase asynchronous servo
motor. The rotational speed control accuracy is approximately
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4,050 N; (b) maximum attenuation index, contact load, and contact stiffness under an external load of 4,050 N.

42w | Sci@pen

Tsinghua University Press

Friction, 2026, 14(6): 9441206



Stability of friction-induced vibrations in water-lubricated bearings with interfacial mechanical effects 9441206-17
\
(a) —— ¢ D)
Dlsplacement sensor J"
-,
Motor iy Coupling
(C) W'ater—lubrited (b) ~
rubber bearing =
Rubber bush :“_' —%
Bearing chamber
Hydrophone
Fig. 17 Test rig schematic diagram: (a) entire test rig, (b) bearing test chamber, and (c) tested bearing.
Table4 Parameters of tested water-lubricated bearing
Parameter Value Parameter Value
Inner radius, Rg (mm) 40 Angular groove amplitude, O, (°) 15
Bearing width, L (mm) 320 Specific pressure, p, (MPa) 0.1-0.3
Radial clearance, C (mm) 0.15 Rubber thickness, #; (mm) 10
Elastic modulus, Ez (MPa) 10 Groove number 8
Rotational speed, r; (r/min) 20-200 Surface roughness, o (um) 35
Water density, p (kg/m’) 1,000 Poisson’s ratio of rubber, v, 0.47
Groove depth, D, (mm) 5 Supporting stiffness, k; (N/m) 2.2x107

Groove type Straight Damping ratio, § 0.1

0.1%; for instance, at a set speed of 1,000 r/min, the actual speed
ranges between approximately 999 and 1,001 r/min.

The time-domain signals collected by the acoustic sensor are
analyzed using the FFT method based on spectral analysis. This
provides the sound pressure amplitude (dB) in the frequency
domain. If a significant peak appears at a specific frequency and
the corresponding sound is continuous, the tested bearing is
considered to exhibit abnormal frictional vibration noise under
that test condition. The theoretical model is configured with the
same parameters as the experiment, and the complex eigenvalue
analysis is conducted under different combinations of rotational
speeds and external loads. Subsequently, the possibility of friction-
induced noise in the tested bearing is evaluated by determining
the sign of the real part of the eigenvalues. Finally, the rationality
of the theoretical model is verified by comparing it with friction
noise tests. Notably, to ensure the repeatability of the test results,

https://doi.org/10.26599/FRICT.2025.9441206

three frictional noise tests were conducted for each load and speed
condition.

Figure 19 presents the experimental sound pressure signals in
both the time and frequency domains under a specific pressure of
0.2 MPa, with rotational speeds ranging from 20 to 180 r/min.
The results of the three frictional noise tests are consistent;
therefore, only one set of tests is presented here. It is evident that
abnormal frictional noise occurs at lower rotational speeds
between 20 and 110 r/min but disappears at higher speeds of 140
and 180 r/min. This experimental observation aligns well with the
numerical predictions shown in Fig. 16. Correspondingly, Fig. 20
illustrates the horizontal friction-induced vibration and rotor
displacement predicted by the proposed model at various
rotational speeds. As shown in Fig. 20, the maximum attenuation
indexes are positive at 20-110 r/min (indicating instability) and
negative at w = 140 and 180 r/min (indicating stability).
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Fig. 19 Experimental results of friction noise under an external load of 0.2 MPa: (a) time domain and (b) frequency domain.

Furthermore, as observed in Fig. 20(a), the predicted horizontal
acceleration is divergent at rotational speeds ranging from 20 to
60 r/min, while it appears to be convergent at 80 and 110 r/min.
This is because as the rotational speed increases, A, gradually
decreases, and the instability of friction-induced vibration
weakens. It can be inferred that the horizontal acceleration at

14 4me | Sci@pen

80 and 110 r/min will gradually diverge over time. Unlike the
horizontal acceleration, the horizontal displacement exhibits
divergence across all cases when the rotational speed ranges from
20 to 110 r/min, as shown in Fig. 20(b). These numerical results
are consistent with the frictional noise measurements presented in
Fig. 19.
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Table 5 summarizes the maximum attenuation indexes
predicted by the numerical model under various rotational speeds
and external loads. Notably, the symbols “Y” and “N” in Table 5
indicate the presence and absence of frictional noise observed in
the experiments, respectively. The predicted results show good
agreement with the experimental observations: frictional noise
occurs when the predicted maximum attenuation index is
positive. As shown in Fig. 21, the critical rotational speed at which
unstable friction-induced vibration does not occur increases with
the specific pressure, which is consistent with the result shown in
Fig. 16(a). In general, the validity of the theoretical model
proposed in this study is demonstrated through an indirect
comparison between the results of complex modal analysis and
frictional noise experiments.

4 Conclusions

In this study, a 3-DOF friction-induced vibration model was
developed for WLBs. The model accounts for the stiffness and
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damping coefficients of the water film, as well as the contact
stiffness of the rough surface. Subsequently, complex eigenvalue
analysis was conducted to assess the stability of friction-induced
vibration, and the predicted results were validated against
experimental observations for a WLB under various combinations
of rotational speed and external load. Based on the developed
model, the effects of key parameters, including radial clearance,
groove width, boundary friction coefficient, and surface
roughness, on the stability of the WLB were systematically
investigated. The conclusions are as follows:

(1) The boundary g, and surface roughness o significantly
affect the stability of friction-induced vibration in WLBs. As y_
and o increase, the risk of unstable friction-induced vibration also
increases. For the current simulation, when y_ is less than 0.15 and
the rotational speed exceeds 400 r/min, the WLB exhibits
frictional stability under external loads ranging from 500 to 8,000 N.
When o exceeds 1.8 pm, the WLB system still poses a risk of
unstable friction vibration even at a rotational speed of 1,000 r/min.
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Fig. 20 Simulation results of current model under an external load of 0.2 MPa: (a) horizontal vibration and (b) horizontal displacement.

Table5 Maximum attenuation index under different external loads and rotational speeds

20 r/min 40 r/min 60 r/min 80 r/min 110 r/min 140 r/min 180 r/min
0.2 MPa 3.60 (Y) 4.07 (Y) 3.44 (Y) 221 (Y) 0.84 (Y) —0.24 (N) —1.42 (N)
0.3 MPa 2.45 (Y) 3.12 (Y) 3.19 (Y) 2.72 (Y) 1.45 (Y) 0.42 (Y) ~0.91 (N)
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Fig.21 Variation in maximum attenuation index of tested WLB with rotational
speed under three different external loads.

(2) Due to the enhanced asperity contact and the reduction in
water film damping, increasing the radial clearance C and groove
width W, elevates the risk of unstable friction-induced vibration.
In the present simulation, instability remains evident when the
clearance ratio exceeds 0.03% of the journal radius, even at
rotational speeds close to 400 r/min. Furthermore, when the
groove area is more than twice the load-carrying area, unstable
friction-induced vibrations are observed throughout the entire
load range of 500-5,000 N.

(3) A critical rotational speed exists at which the vibration
transitions from being unstable to stable, and this speed is lower
than the lift-off speed. A larger external load corresponds to a
higher critical rotational speed. Specifically, the transition speed is
560 r/min, while the lift-off speed is 812 r/min at a specific
pressure of 0.5 MPa. Moreover, as the rotational speed approaches
this critical value, the unstable friction-induced vibration rapidly
diminishes. In the hydrodynamic lubrication regime, the
maximum attenuation index remains nearly constant with
increasing rotational speed; this value is —30 in the current
simulation.

(4) A frictional noise experiment is conducted on the WLB
under two external loads and various rotational speeds. The
results of the complex eigenvalue analysis show good agreement
with the experimental observations, thereby validating the
effectiveness of the proposed model.

Journal misalignment is almost unavoidable in marine stern
shaft propulsion systems, highlighting the need for further studies
on friction-induced vibration in WLBs under misaligned rotors
and on three-dimensional structural temperature rise under harsh
operating conditions.
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